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Abstract

In this research, the advantages and limitations of an adaptive-passive vibration absorber (APVA) are analyzed in detail.
Based on the analysis, a novel kind of active vibration absorber is proposed. It can be considered as the integration of
APVA and active resonator absorber (ARA), so their advantages are inherited. Its control effort is theoretically analyzed.
The results show that it needs much smaller control force than ARA.
© 2006 Elsevier Ltd. All rights reserved.

1. Introduction

Dynamic vibration absorbers (DVA) have been successfully used to attenuate the vibration of many
structures. The DVA usually consists of a mass attached to the structure to be controlled through a spring-
damper system. It can be tuned to suppress vibration at single frequency harmonic excitation. The principal
drawback of tonally tuned absorbers is that they require very low absorber damping to achieve good
performance, which causes the effective bandwidth to be quite small. When the excitation frequency is
unsteady or varying, traditional DVAs will become ineffective and potentially increase the base vibration.

In recent years, semi-active and active—passive vibration absorbers have been proposed to suppress
harmonic excitations with time-varying frequency [1-13]. A semi-active vibration absorber achieves vibration
control by changing its dynamic parameters, such as the stiffness or damping. Some advantages of semi-active
control are that it requires less power, costs less, and has reduced complexity versus active systems, while being
nearly as effective. Semi-active vibration absorbers can be separated into several types: variable stiffness
through mechanical mechanisms [1,7,10,14,15] or using controllable new materials [5,9,12,20], variable
inductor connected in series with the piezoelectric patch for piezoelectric absorbers [8,16—19]. A lot of adaptive
vibration absorbers with variable stiffness have been proposed and verified experimentally and shown that
these devices can effectively suppress the vibration of the primary structure. However, when the exciting
frequency deviates from the resonant frequency of the primary structure, the effect of vibration absorber
reduces obviously [7,8]. Furthermore, semi-active vibration absorber behaves as a passive one when its
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stiffness or damping is fixed, so it is not suitable for multi-frequency or broad-band excitation.
In addition, these semi-active implementations have had difficulty in achieving fast and accurate
tuning [16]. Active—passive vibration absorber is the integration of a passive vibration absorber
(PVA) with a force actuator. Active control allows for the direct control of the absorber’s transmitted
force as well as modifying the dynamic properties of the device. This is achieved using the force
actuator that essentially modifies the effective stiffness and damping of the absorber. As a result of the
direct control of the absorber’s transmitted force, the absorber can suppress the vibration of multi-frequency
or broad-band excitation and tune rapidly with high accuracy. The active absorbers with different
actuators and control laws have been investigated and implemented [2—4,6,11,13]. It has advantages
such as large bandwidth, high vibration reduction level and fine robustness. But it needs large power
requirement.

As active—passive absorber, the delayed resonator and active resonator absorber (ARA) have been
investigated by many researchers [3,6,11]. Both of them consist of a proportional position or acceleration
feedback and the only difference between them lies in that the feedback of the delayed resonator has a time
delay. The reason they are called as resonator is that resonance is created in these absorbers by using
the feedback control to place the dominant characteristic roots of absorber subsection on imaginary axis. In
fact, these devices are similar to auto-tuning un-damping vibration absorbers, whereas the performance
is realized only by the active force. Although they are effective for wide band frequency excitation, they still
need large control effort. In this paper, a novel implementation of tunable vibration absorber is proposed.
It is called an adaptive active resonator absorber (AARA). The AARA consists of two parts. The first
part is an adaptive-passive vibration absorber (APVA) with variable stiffness, which can be adaptively tuned
to the correct frequency. The second part is an actuator which provides control force to cancel the damping
force applied on the absorber, hence leading to resonance. Once the AARA becomes resonant, it create
the perfect vibration absorption at given frequency. The concept of the AARA is similar to the adaptive
active—passive piezoelectric absorber [16—19], but the proposed absorber is spring-mass system which has quite
different properties such as its configuration, system equation and applied field. The adaptive active—passive
piezoelectric absorber is limited to vibration control of structure with elastic deformation, whereas the
proposed absorber has no limitation and can also be applied to vibration reduction of rigid body or structure
with no elastic deformation. In Section 2, the advantages and limitations of an APVA are analyzed in detail.
In Section 3, the principle of the AARA is introduced. The control effort of AARA and ARA are theoretically
analyzed in Section 4.

2. Adaptive-passive vibration absorber

Different APVAs are distinguished mainly by variable stiffness element and control law. However, all
APVAs can be described as the same model shown in Fig. 1. In this paper, the performance of a general APVA
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Fig. 1. A single-d.o.f. primary system with an APVA.
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is discussed and the details of the variable stiffness are not involved. A single-degree-of-freedom primary
system with a APVA is depicted in Fig. 1, where x, m,, ¢, k,, are the displacement, mass, damping and stiffness
of the primary system, respectively; x,, m,, ¢, are the displacement, mass and damping of the APVA,
respectively; & is the variable stiffness of the APVA and its initial value or value without control are called k,; f
is the excitation force applied on the primary system. The principle of APVA is that according to the vibration
signal of the primary system measured by the sensor, the controller analyzes the excitation frequency and
tunes the APVA to this frequency. The performances and limitations of the APVA are investigated as follows.
When the APVA is removed, the driving point mobility of the primary system can be written as

X 1
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where o is the frequency of the harmonic excitation force f.
The driving point mobility of the primary system with an APVA is
Hy="=1/ ! — My + je,o + k )
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where k is a variable and can be tuned in real time so that the natural frequency of AVPA coincides with the
exciting frequency.

Nagarajaiah and Varadarajan developed a frequency tuning algorithm based on short time Fourier
transform (STFT) to retune the natural frequency of a semi-active variable stiffness tuned mass damper in real
time [14]. The basic idea of STFT is to break up the signal into small time segments and Fourier-analyze each
time segment to ascertain the frequencies that exist in it. Similar to work in Ref. [14], STFT can be used to
identify the dominant frequency of response measured by the sensor. For the response under harmonic
excitation, the dominant frequency is equal to the exciting frequency w. It is assumed that the excitation
frequency is changing relatively slowly compared to the system dynamics (quasi-steady state). So the natural
frequency of the APVA can be tuned to equal the exciting frequency w exactly. Namely, the adaptive control
law of APVA is

k = mao?. (2a)

The vibration reduction coefficient f is defined as the ratio of the driving point mobility of the primary
system without and with the APVA, i.e.
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where w? = k,/my, w,z, = ky/myp, ca/mq = 20,4, ¢p/mp = 20,E,. @, o, are, respectively, the natural
frequency of the APVA without control and the primary system and &, &, are the damping ratio. Let
u=mgy/m,, Eq. (3) can be further expressed as
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For APVA, the adaptive control law in Eq. (2a) is used to vary its variable stiffness. In addition, w, is
generally designed to be equal to w),. Therefore Eq. (4) can be simplified as

Q 1 1\?

e ) e (rmhe (2))

p= " : , (5)
—1 +2j§p§+ (5)

where Q = w/w, is the dimensionless frequency. In order to reflect the vibration reduction contribution of the
AVPA, dimensionless impedances are defined as

Zo=—uf14+-2 Z, = —142i6,+ + 1) (6)
a=—n{l+5e ) Zo= iS5t g)

where Z,, Z, are, respectively, introduced by the AVPA and primary system. Substituting Eq. (6) into Eq. (5)
gives
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From Eq. (6), given ¢, and u, Z, is a monofonic function of the dimensionless frequency Q. For a given
primary system, Z, is a determinative function of the dimensionless frequency Q. When 2 is near unity, Z, has
the minimum value and increases rapidly with respect to Q deviating from the unity. From Eq. (7), the vibration
reduction coefficient f is in inverse proportion to Z, if the effect of phase is neglected. Therefore, when the
disturbance frequency is near the resonance frequency of the primary system, the AVPA has the best vibration
reduction effect, but it decreases rapidly with the disturbance frequency deviating from the resonance frequency.
That is one of the limitations of AVPA. However, for a given Z,, the larger modulus Z, has, the larger f is. That
is, the dimensionless impedance Z, is a good metric representing the performance of an AVPA. From Eq. (6),
increasing u can enhance the APVA’s performance but the larger mass ratio will make it heavier and unpractical.
Moreover, from Eq. (6), the smaller damping ratio &, is, the larger modulus Z, has. It seems as if decreasing the
damping ratio is a good choice but will make the APVA become less robustness and not fail-safe. That is due to
that for the APVA with smaller damping ratio, it will seriously deteriorate the vibration of primary structure
when the part of variable stiffness is disabled and the excitation frequency deviates the natural frequency of
APVA. In next section an alternative method will settle these problems.

2.1. Comparison of APVA and PVA

A PVA means k in Eq. (4) is fixed and equal to k, = m,m?. The concept of dimensionless impedance can
also represent the performance of PVA. From Eq. (4), the dimensionless impedance of PVA can be written as
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The comparison of the modulus of Z, and Zpy, is shown in Fig. 2. The three curves almost hold constants
at the low dimensionless frequency range and increase rapidly at the high dimensionless frequency range.
There are sharp troughs near Q = 1. Their values of the low dimensionless frequency range are smaller than
that of the high dimensionless frequency range. Moreover, the curve with small damping ratio is above that
with large damping ratio. The results show that the modulus of Z, is much larger than that of Zpya except the
point w = w,. That is, the APVA has much better performance than PVA. Moreover, the smaller the damping
ratio is, the more obvious the superiority of APVA is. In addition, the performance of the APVA for the low
frequency excitation is less than that for the high frequency excitation.




H.L. Sun et al. | Journal of Sound and Vibration 300 (2007) 117-125 121

40 |
30

20

Magnitude (dB)

10

0

0.5 1 1.5 2
Dimensionless frequency

Fig. 2. Influence of the damping ratio &, on |Z,/Zpyal. Solid line: &, = 0.05; dashed line: &, = 0.01; and dash-dot line: &, = 0.005.
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Fig. 3. Vibration reduction effect comparison: (a) the case APVA with different damping ratio, u = 0.01, {, = 0.01, solid line: &, = 0.005;
dashed line: ¢, = 0.01; dash-dot line: £, = 0.005; and (b) the case primary system with different damping ratio, u = 0.01, &, = 0.01, solid
line: &, = 0.1; dashed line: £, = 0.05; dash-dot line: £, = 0.01.

2.2. Effect of the damping ratios on the performance of APVA

Lety =20 10g10]ﬁ| as the index of vibration reduction effect. The relationship between y and dimensionless
frequency Q is demonstrated in Fig. 3. The three curves in Fig. 3(a) all have sharp peaks whose values increase
rapidly as the damping ratios &, decrease. Moreover, the curve with small damping ratio is above that with
large damping ratio. The three curves in Fig. 3(b) also have peaks whose values increase rapidly as the
damping ratios £, decrease. The curve with small damping ratio is still above that with large damping ratio
near Q = 1, but the order is adverse at the low and high frequency range. In addition, for all the curves in
Fig. 3, their values of the low dimensionless frequency range are smaller than that of the high dimensionless
frequency range. The results show that given the mass ratio and the damping ratio of the primary system, the
smaller the damping ratio of APVA is, the better the vibration reduction effect is. Moreover, the frequency
range of vibration reduction is wider for the smaller &,. It is the same with the above analysis that when the
dimensionless frequency Q is near unity, the AVPA has the best vibration reduction effect, but it decreases
rapidly with the disturbance frequency deviating from unity, which is coincided with the experimental results
in literatures [7,8]. For the primary system with different damping ratio £, and given the mass ratio and the
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damping ratio of APVA, y is larger for the case with smaller &, near Q =1, but y is smaller when Q is away
from unity.

3. The principle of the AARA

From Section 2, it can be obtained that APVA has a wide absorber band but its vibration reduction effect is
limited by its damping. In order to avoid the limitation, a new absorber called AARA is proposed. It consists
of two parts. The first part is an APVA with variable stiffness, which can be adaptively tuned to the correct
frequency. The second part is an actuator which provides control force to cancel the damping force applied on
the absorber, hence leading to resonance. In fact, AARA can be considered as the integration of APVA and
ARA, so their advantages such as low cost, high performance and fail-safe are inherited.

A single-degree-of-freedom primary system with an AARA is shown as Fig. 4. It is similar to that shown in
Fig. 1. The main difference between them lies in that an actuator is introduced in Fig. 4. The actuator provides
the active control force f.

The equations of motion for the system in Fig. 4 can be written as

MeXy + cu(xa - x) + k(xa - X) zfacta (9)

mpX + ¢pX + co(X — Xo) + kpx + k(x — x0) = — faets (10)

where k is the function of the exciting frequency @ and equal to m,w> in order to make AARA track the
exciting frequency adaptively. The adaptive control law of variable stiffness part of AARA is the same as that
of APVA described in Section 2. In order to cancel the damping force and obtain a resonator absorber, the
active control force f,.; should be equal to the damping force applied on the absorber, i.e.,

facl = Ca(jca - )C) (11)
which can be realized easily by velocity feedback. When the frequency of the external force f'changes, it can be

tracked by adjusting the variable stiffness k adaptively. For resonator absorber, the vibration of the primary
system can be reduced to zero in theory, so AARA can get high performance in wideband frequency.

4. Control effort of AARA

For active absorbers, all kinds of them can obtain high performance as long as their control forces are
enough. However, the absorber with too large control effort is impractical. So the control effort of active
absorber is an important performance index. In this section, the control effort of AARA is discussed and

compared to ARA.
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Fig. 4. A single-d.o.f. primary system with an AARA.
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Considering the system shown in Fig. 4, the vibration of the primary system can be reduced to zero in
theory. Therefore it can be assumed that the displacement x of the primary system is zero in the steady state.
Then Eqgs. (9)—(11) can be written as

ma)"‘:a + Caxa + kxa Zfac[a (12)
—coXy —kx, =1 _facts (13)
Sact = CaXa. (14)
Eq. (12) plus Eq. (13) gives a simple equation,
Maiy =f. (15)

Taking into account the harmonic exciting force with frequency w, let f= A4 ot x, = Axuej”",
Sact = A1, el where Ap Ay, and Ay are the complex amplitudes of exciting force f, displacement x,, and
control force f,., respectively. Substituting them into Eqs. (14) and (15), the relationship of the three
amplitudes can be easily obtained as follows:

Ay, (16)

e, %
S act Mg S/ Q

4. (17)

If the natural frequency of AARA cannot be adjusted, then AARA becomes an ARA and its stiffness is a
constant labeled as k,. In order to track the exciting frequency, ARA must have displacement or acceleration
feedback besides velocity feedback. For the two cases, their control force can be, respectively, expressed as

o = caka + Mexg, O, = caXiy + Ami, (18)

where Ak, Am are the gains of displacement and acceleration feedback. Substituting Eq. (18) into Eq. (12) and
making ARA track the exciting frequency, Ak, Am are found to be
2 ka
Ak =k, —myw”, Am=m, ——. (19)
)
From Egs. (15), (18) and (19), the corresponding amplitudes of the two control forces,Af’d‘l, Apa , are
identical and can be written as o

Ay =g = (= 1—<&)2 A= (2 (- Ly A (20)
fla = Vi T\ T 0 » 7=\"a Q ’

The comparison of vibration control efforts is presented in Fig. 5. It is shown in Fig. 5(a) that the control
force needed by ARA is much larger than that by AARA except the point Q = 1. The control force needed by
ARA has a minimum value at Q@ = 1 and increases rapidly when the exciting frequency deviates from its
natural frequency. In addition, the control force needed by ARA at the low frequency range is larger than that
at the high frequency range. Nevertheless, for AARA, the control force decreases slowly as the exciting
frequency increases, so the change is small. The results show that the control effort of AARA is much smaller
than that of ARA and AARA has wider effective frequency range than ARA.

The amplitude ratios of the control force of AARA and ARA with different damping ratio are presented in
Fig. 5(b). The three curves all have sharp troughs near Q = 1 and the curve with small damping ratio is above
that with large damping ratio. The results demonstrate that the smaller the damping ratio is, the more obvious
the advantage of AARA is. However, the adjustment of the variable stiffness for AARA also need control
effort but this part is very small relative to the part of the control force and can be neglected in general.
Therefore the control effort of AARA is much lower than that of ARA.
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Fig. 5. Vibration control effort comparison: (a) the amplitude ratios of the control force and exciting force: solid line: AARA; dashed line:
ARA; and (b) the amplitude ratios of the control force of AARA and ARA: solid line: &, = 0.1; dashed line: £, = 0.05; dash-dot line:
¢,=0.01.

5. Conclusions

This investigation performs a thorough analysis on the advantages and limitations of adaptive-passive
vibration absorber (APVA). In order to avoid the limitations of APVA, a novel kind of adaptive active
resonator absorber (AARA) has been proposed. It can be considered as the integration of APVA and active
resonator absorber (ARA), so their advantages such as low cost, high performance and fail-safe are inherited.
The theoretical analysis on the control effort of AARA and ARA shows that AARA need much smaller
control force than ARA.

Acknowledgement

This work is supported by BRJH Project of Chinese Academy of Science.

References

[1] P.L. Walsh, J.S. Lamancusa, A variable stiffness vibration absorber for minimization of transient vibrations, Journal of Sound and
Vibration 158 (2) (1992) 195-211.

[2] G.J. LeeGlauser, G. Ahmadi, L.G. Horta, Integrated passive/active vibration absorber for multistory buildings, Journal of Structural
Engineering-ASCE 123 (4) (1997) 499-504.

[3] N. Olgac, N. Jalili, Modal analysis of flexible beams with delayed resonator vibration absorber: theory and experiments, Journal of
Sound and Vibration 218 (2) (1998) 307-331.

[4] R.A. Burdisso, J.D. Heilmann, A new dual-reaction mass dynamic vibration absorber actuator for active vibration control, Journal of
Sound and Vibration 214 (5) (1998) 817-831.

[5] Y. Ketema, A viscoelastic dynamic vibration absorber with adaptable suppression band: a feasibility study, Journal of Sound and
Vibration 216 (1) (1998) 133-145.

[6] D. Filipovic, D. Schroder, Bandpass vibration absorber, Journal of Sound and Vibration 214 (3) (1998) 553-566.

[7] K. Nagaya, A. Kurusu, Vibration control of a structure by using a tunable absorber and an optimal vibration absorber under auto-
tuning control, Journal of Sound and Vibration 228 (4) (1999) 773-792.

[8] C.L. Davis, G.A. Lesieutre, An actively tuned solid-state vibration absorber using capacitive shunting of piezoelectric stiffness,
Journal of Sound and Vibration 232 (3) (2000) 601-617.

[9] K. Williams, G. Chiu, R. Bernhard, Adaptive-passive absorbers using shape-memory alloys, Journal of Sound and Vibration 249 (5)
(2002) 835-848.

[10] S.G. Hill, S.D. Snyder, Design of an adaptive vibration absorber to reduce electrical transformer structural vibration, Journal of

Vibration and Acoustics-Transactions of the ASME 124 (4) (2002) 606-611.



H.L. Sun et al. /| Journal of Sound and Vibration 300 (2007) 117-125 125

[11] N. Jalili, D.W. Knowles, Structural vibration control using an active resonator absorber: modeling and control implementation,
Smart Materials and Structures 13 (5) (2004) 998-1005.

[12] K.A. Williams, G.T.C. Chiu, R.J. Bernhard, Dynamic modelling of a shape memory alloy adaptive tuned vibration absorber, Journal
of Sound and Vibration 280 (2005) 211-234.

[13] Y.D. Chen, C.C. Fuh, P.C. Tung, Application of voice coil motors in active dynamic vibration absorbers, Magnetics, IEEE
Transactions 41 (3) (2005) 1149-1154.

[14] S. Nagarajaiah, N. Varadarajan, Short time Fourier transform algorithm for wind response control of buildings with variable
stiffness TMD, Engineering Structures 27 (3) (2005) 431-441.

[15] C. Yong, D.G. Zimcik, V.K. Wickramasinghe, F. Nitzsche, Development of the smart spring for active vibration control of helicopter
blades, Journal of Intelligent Material Systems and Structures 15 (1) (2004) 37-47.

[16] R.A. Morgan, K.W. Wang, An active—passive piezoelectric absorber for structural vibration control under harmonic excitations with
time-varying frequency, part 1: Algorithm development and analysis, Journal of Vibration and Acoustics-Transactions of the ASME
124 (1) (2002) 77-83.

[17] R.A. Morgan, K.W. Wang, An active—passive piezoelectric absorber for structural vibration control under harmonic excitations with
time-varying frequency, part 2: Experimental validation and parametric study, Journal of Vibration and Acoustics-Transactions of the
ASME 124 (1) (2002) 84-89.

[18] R.A. Morgan, K.W. Wang, An integrated active-parametric control approach for active—passive hybrid piezoelectric network with
variable resistance, Journal of Intelligent Material Systems and Structures 9 (7) (1998) 564-573.

[19] J. Tang, K.W. Wang, Active—passive hybrid piezoelectric networks for vibration control: comparisons and improvement, Smart
Materials and Structures 10 (4) (2001) 794-806.

[20] E. Rustighi, M.J. Brennan, B.R. Mace, Real-time control of a shape memory alloy adaptive tuned vibration absorber, Smart
Materials and Structures 14 (2005) 1184-1195.



	A novel kind of active resonator absorber and �the simulation on its control effort
	Introduction
	Adaptive-passive vibration absorber
	Comparison of APVA and PVA
	Effect of the damping ratios on the performance of APVA

	The principle of the AARA
	Control effort of AARA
	Conclusions
	Acknowledgement
	References


